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1. INTRODUCTION 
The vapor-compression cycle, which is the most widely used cycle for refrigera-
tion and air. conditioning, frequently operates in a transient mode. Examples of 
transients are startup and shutdown surges, cycling, defrost, and formation of·water, 
ice, or frost. Therefore, transients are important for the proper design of refrig-
eration and air conditioning system components. 
The goal of the present work was to develop a computer program for simulating 
the startup transient behavior of a vapor-compression system and to analyze a typi-
cal test case using the program. In the future, the comput~r model can be expanded 
to include other transients such as frost formation and shutdown. It can also be 
combined" with the dynamic simulation of a building for the purpose of investigating 
transient interactions between ref:r:ige:r:ation systems and buildings. t 
2. OVERALL APPROACH 
The transient model of a vapor-compression system developed herein includes 
component models for the condenser, evaporator, compressor, expansion device, and 
accumulator, ·as shown in Fig. 1. The refrigerant in each component is modeled· as a 
lumped-mass sys~em with a single node representing each phase region. Both of the 
air-to-refrigerant heat exchangers are the circular tube-continuous fin type. The 
compressor is assumed to be a hermetically sealed, reciprocating type with the com-
pressor and the compressor shell being modeled as two separate control volumes. The 
process of compression is assumed to be adiabatic with the exponent of compression, 
k, being calculated as a function of the inlet temperature. The expansion device is 
a thermostatic expansion valve that is assumed to be adiabatic. Heat capacity 
effects in the walls of the heat exchangers, accumulator, and compressor are modeled 
using lumped-mass systems represented by single nodes and constant specific heats. 
Conservation equations for mass and energy were written in differential form 
for the refrigerant in the accumulator, the compressor shell, and each heat 
exchanger. Energy equations were also written for the structural material in each 
of the above components. Since pressure drops were neglected in the heat exchangers, 
the mass and energy equations, along with the mass flow rate equations for the 
expansion device and compressor, describe the temporal behavior of the complete 
system. Property relations and correlations to evaluate heat transfer coefficients 
complete the set of model equations. Numerical methods were used to solve the set 
of ordinary differential equations. 
3. COMPARISON OF MODELS 
The model presented in this study can be compared with five other transient 
models of complete vapor-compression systems as shown in Table I. The five models ~ 
were developea by Chi and Didion /1/, Dhar and Soedel /2/, MacArthur /3/, and Murphy 
and Goldschmidt /4,5/. Two separate models were reported in the latter study, one 
for shutdoWn and the other for startup. The present model combines many of the 
features presented in these earlier models while introducing several new features. 
However, it is important to note that the authors of the present model did not 
necessarily try to develop the most complete model but rather a model that repre-
sented, in' their judgment, a balance between comprehensiveness (which can result in 
improved accuracies) and simplicity (which can reduce the computer time and 
convergence difficulties). For example, unlike the Chi and Didion model /1/, the 
pres~nt model neglects the dynamic responses of the electric motors, shafts, and 
electric fans in order to reduce the computer program length and computing time. 
The present model has also been developed with a minimum of reliance on experimental 
data so that it can be used to analyze new systems. For example, the Dhar and Soedel 







Fig. 1 - Typical vapor-compression cycle. 
TABLE I. Comparison of models. 
Fig. 2 - Compressor and compressor shell. 
Oil Sys:te11 type of Nodes fJI' Comparison 
'!ransi~nr.:s: Op~ration Co.-poneu.ts i.n Siz:e, :E~amoion i~ in "''ith 
Hodt!-l Modj!!leQ Hode l1odel~d Shell kll D~vice IIX IIX E~ll!!!:riment. 
Chi & Didiou Surtup H@!at:i.n.s All No 14.1 TEV Sia1le Yes Yes 
Ill sbut.dowu 
Dhillt b: Startup CooliP.g All Yo• Z.J TEV Siagle No No 
Soodol /2/ shutdo"in 
MacArthur Startup HC!:ating All llo 10.5 n;v Hultiple No No 
131 shutdown 
Hurphy & Shutdot.m. Coolins: All ~xc::~pt No 10.5 Capilhry Si.ngl~ No Yeo 
Gold~c:hmidt. co•pre.ssor tube 
(A) /4/ 
Mm:pby & Sta:t"t.up Cooling All ~:z:C:II!!!:pt. llo 10.5 C~pillary Singh: llo Yeo 
Goldschmidt ev.Jpor.ator tub!!! 
(B) /5/ 
Pr~S!!=Qt. Startup Coolin& All No 10.5 n:v Single No No 
D•-Heat t:xc:haQser. 
'IEV .... -Tb.emostat:i,.c l!!!::qJau.sion valVII!!!!. 
and the compressor, using empirical relations developed by them. The present model 
also uses a thermostatic expansion valve (TEV) instead of the capillary tube that 
was modeled by Murphy and Goldschmidt /4,5/. Another difference between this new 
model and some past models is that in the formulation of the energy equation for the 
refrigerant inside each component, the term Mvdp/dt has been considered. Speci-
fically, even though the MacArthur model /3/ considered several nodes in the heat 
exchangers, thus adding sophistication to the model, it did not consider the effects 
of this term. It should be noted, however, that this term is important only for 
severe transients, which occur for only a short period immediately after startup. 
4. COMPRESSOR 
A schematic of the compressor within the hermetic shell is shown in Fig. 2. 
Equations to calculate the mass flow rate and the state of the vapor leaving the 
compressor are derived and discussed below. The mass flow rate in the compressor 
is given by /6/ 
(1) 
The rate of work done on the vapor in the compression chamber is calculated from /7/ 
(2) 
The specific enthalpy of the vapor leaving the compressor is obtained from an energy 
balance on the vapor in the cylinder. This balance neglects heat transferred from 
the compressor cylinder walls and reheating from the cylinder head as follows: 
(3) 
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The temperature of the refrigerant vapor leaving the compressor cylinder is then 
calculated from property equations knowing the specific enthalpy and the pressure in 
the condenser /8,9/. The compressor friction and electric motor losses are assumed 
to be converted to heat and then absorbed by the compresso• wall, which then loses 
heat by natural convection to the surrounding vapor. An energy balance on the com-
pressor wall yields the equation for the wall temperature: 
dT /dt = (P - Q )/(H C ) 
pw .£ -psv pw pw 
(4) 
The compressor shell houses the compressor and serves as a reservoir for the 
oil, which is used to lubricate the piston-cylinder assembly. The effects of oil in 
the compressor shell are considered to be outside the scope of this study and, as 
such, have been neglected. The pressure in the compressor shell is assumed to be 
representative of the pressure in the entire low-pressure side of the refrigeration 
system. Figu~e 2 shows the mass flow of refrigerant from the accumulator into the 
compressor shell and from the shell into the compressor cylinders. Also shown are 
heat transfer rates from the vapor to the wall and from the wall to the air. Hass 
and energy balances on the vapor in the shell yield 
(5) 
d(H u )/dt = m3h3 - m1h + Q - Q SV SV SV psv SVW 
(6) 
Using the definition of enthalpy, these equations can be combined and then used to 
calculate specific enthalpy as follows: 
(7) 
The state of the vapor is thus defined, since the specific volume of the vapor in 
the shell ,can be calculated from the total volume of the compressor shell as 
follows: 
(8) 
The temperature of the shell wall can be calculated from an energy balance on 
the wall assuming that heat transfer is by natural convection: 
5. EXPANSION VALVE 
A thermostatic expansion valve (TEV) was modeled in this study, since it is one 
of the most common types of expansion devices used in the refrigeration industry. 
The e~ansion valve attempts to maintain the refrigerant that leaves the evaporator 
at a constant superheat, ensuring that only vapor enters the compressor through the 
suction line. Therefore, the mass flow of refrigerant through the TEV is a function 
of the vapor superheat at the exit of the evaporator and the pressure difference 
across the valve. In this study, the TEV has been modeled as an adiabatic, variable-
area orifice (similar to the expansion valve modeled by Dhar and Soedel /2/). The 
refrigerant entering the orifice can be a vapor, liquid, or a combination of the two 
phases, depending upon the conditions at the exit of the condenser. If the refrig-
erant entering the valve is a vapor and the flow is not choked, the mass flow rate 
is /2/ 
During choked conditions, the mass flow rate is given by /2/ 
m = 
t 
8640 A (2k ((R )2/k- (R )(k+l)/k)) 112 pd X g c c 
where the isentropic exponent, k, is assumed to be a constant, aod Rc is 





The mass flow rate when the refrigerant entering the valve is all liquid, or, a mix-
ture of liquid and vapor, is calculated from /10/ 
mt = 720CdAx(2g(pd - )/v )1/2 Ps t (12) 
where the coefficient of discharge, cd, is given by 
cd = 0.0802(pte) 1/2 ~ 0.396vt (13) 
An energy balance on the expansion valve results in an isenthalpic process. 
above equations, the valve port area is a function of the superheat of vapor 




This equation is based on a proportional-gain type of controller /11/. It should be noted that the proportional-gain controller introduces a steady-state error which could be eliminated by adding integral gain. The superheat sensed by the bulb is 
(15) 
where the temperature of the thermobulb wall is calculated from an energy balance: 
(16) 
where ~ (= Mb~/Ub~) is the time constant of the thermobulb temperature response. 
6. CONDENSER 
An air-cooled, forced-draft type of condenser has been modeled in this study. Depending upon the rate of heat transfer from the refrigerant to the condenser wall, the condenser contains superheated vapor, a mixture of saturated vapor and saturated liquid, and subcooled liquid. To accommodate these refrigerant conditions in the 
condenser, three different models were developed for the condenser. Chi and Didion /1/ and Dhar and Soedel /2/ used a similar approach. 
Superheated Refrigerant Model. A sketch of the superheated refrigerant model is 
'shown in Fig. 3, Mass and energy balances, similar to Eqs. (5) and (6) for the compressor shell, can be written for the vapor in the control volume as follows: 
- m 
t 




The mass flow rate into and out of the condenser is equal to the mass flow through 
the compressor and expansion valve, respectively. The specific volume of the vapor 
can be found knowing the mass of vapor and the condenser volume. The temperature and the pressure in the condenser can then be calculated from property relations. The condenser wall temperature is calculated from an energy balance on the condenser wall similar to the procedure used in Eq. (9) for the wall of the compressor shell. The standard Dittus-Boelter equation was used to calculate the heat transfer coef-ficient on the inside of the tubes. For heat transfer from the outside fins to the 
air, the heat transfer coefficient was obtained from correlated data for circular 
tube-continuous fin heat exchangers given by Kays and London /12/. 
Saturated Refrigerant Model. As heat transfer from the refrigerant vapor to the 
condenser wall occurs, the superheat of the vapor decreases so that eventually the 
refrigerant vapor becomes saturated. When this occurs, a saturated refrigerant model is adopted for the condenser. This model neglects the effects of the super-
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heat region and assumes that the entire condenser is filled with saturated refrig-
erant. Even though a schematic of the saturated model is not shown, it would be 
similar to the saturated part of the subcooled refrigerant model which is shown in 
Fig. 4 and discussed in the next section. Mass and energy equations for the satu-
rated refrigerant can be written as before where the specific enthalpy of the 
refrigerant mixture is calculated from the combined energy and mass equation. The 
saturated refrigerant model requires an assumption regarding the variation of 
quality in the condenser. Therefore, a linear variation of quality was assumed 
along the length of the tube. This variation represents a balance between simplify-
ing the model and representing the actual situation in the condenser. The specific 
volume of the saturated refrigerant can be calculated from the condenser mass and 
volume as before. With two properties known, namely, the specific volume and the 
specific enthalpy, the remaining properties, such as the pressure and the bulk 
quality, can also be found. The temperature of the saturated vapor and liquid 
refrigerant are equal and can be found from appropriate property relations. The 
wall temperature can be calculated from an energy balance on the wall of the con-
denser where the Nusselt number for condensation in a horizontal tube was calculated 
from a correlation proposed by Akers and Rosson /13/. 
I 




t f';l. (out~OOI"' o11r) 
Fig. 3 - Superheated vapor condenser 
model. 
~-
Fig. 4 - Subcooled refrigerant condenser 
mo<i~>:l. 
Subcooled Refrigerant Model. The subcooled-liquid model of the condenser is shown 
in Fig. 4. The condenser consists of two control volumes, one with a mixture of 
saturated vapor and liquid, and the other with subcooled liquid only. The subcooled 
region is near the exit of the condenser, downstream of the saturated region. 
Governing differential equations were derived for the condenser by applying mass and 
energy balances to the saturated and subcooled regions. The resulting equations are 
similar to those derived for the superheated condenser model, except that a new term 
that defines the rate of work done at the moving boundary between the saturated and 
subcooled refrigerant control volumes appears in the energy equation. This is illus-
trated in the energy equation for the mixed refrigerant region: 
(20) 
w~ere pdd(M vl~cvl)/dt is the new work term. Combining the mass and energy equa-
t~ons results ~n 
The mass of the refrigerant in the condenser is related to the total condenser 
volume as 
(22) 
Since the compressibility of liquid is low, the specific volume of the subcooled 
liquid is assumed to be the same as that of the saturated liquid in the condenser. 
Since the average quality of the refrigerant in the saturated region is 0.5, the 
mass flow rate of liquid from the saturated to the subcooled r~g~on, m l' and the 
pressure, p , are solved for with Eq. (21) and (22). The spec~f~c ent~alpy of the 
subcooled !~quid can be found from the energy equation for the subcooled liquid 
region where the inside heat transfer coefficient is evaluated from the Dittus-
Boelter equation. The length of each region is calculated knowing the volume of the 
region and the cross-sectional area of the tube. 
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7. EVAPORATOR 
The evaporator was a dry-expansion type (DX) that was modeled as a fin and tube 
heat exchanger. At the time of startup, the evaporator is completely filled with 
saturated refrigerant, which is mostly in the liquid phase since the evaporator is 
at a lower temperature than the condenser. The system is designed so that at steady 
state low-quality refrigerant enters the evaporator from the expansion valve while 
the refrigerant vapor leaving the evaporator is superheated to 3° to 7° C. The 
evaporator is assumed to contain two regions: (1) saturated where the heat transfer 
is two-phase forced convection boiling and (2) superheated where the heat transfer 
is single-phase forced convection. The vapor and the liquid in the evaporator are 
assumed to be two separate control volumes characterized by single valued properties 
(i.e., the control volumes are assumed to behave as stirred tanks) as shown in 
Fig. 5. Prior to startup the vapor and the liquid phases of the refrigerant are 
both saturated. After startup, heat transfer to the refrigerant vapor results in a 
superheated condition near the exit. The liquid in the evaporator is assumed to be 
saturated at all times. Pressure drops have been neglected so that the pressure in 
the evaporator is uniform and equal to the pressure in the accumulator and the com-
pressor shell. Dhar and Soedel /2/ follow a similar procedure in their model of the 
evaporator. 




The energy balance on the vapor gives 
(25) 
which can be rewritten when combined with the mass balance equations: 
Mevdhev/dt = x m (h - h ) + m (h - h ) - m4 Ch4 - h ) + Q te te eg ev e eg ev ev ewv 
(26) 
Similar equations can be derived for the liquid in the evaporator. In addition, 
an equation that relates the mass and specific volume of the refrigerant to the 
total volume of the evaporator coil can also be derived. A linear quality profile 
between the inlet and the exit of the evaporator was assumed. Energy equations were 
written for the evaporator wall with separate equations being formulated for the 
saturated refrigerant and the superheated vapor regions. The heat transfer from the 
wall to the saturated refrigerant is by two-phase convection boiling; whereas, the 
heat transfer from the wall to the superheated vapor is by single-phase forced con-
vection. The two-phase heat transfer coefficient is calculated using the correla-
tion proposed by Kandlikar /14/. As in the case of the condenser, the air-side heat 
transfer coefficient was calculated using correlated data /12/. 
8. ACCUMULATOR 
Suction-line accumulators are used in many split-system, vapor-compression sys-
tems. The accumulator prevents suction vapor from carrying slugs of liquid to the 
compressor and also functions as a reservoir to hold a percentage of the total 
system charge. In this study, the vapor in the accumulator is assumed to remain 
saturated in the presence of liquid, and superheated vapor forms only when the 
liquid refrigerant has completely evaporated. Two models, namely, a saturated 
refrigerant model and a superheated refrigerant model, are developed in this study. 
Saturated Refrigerant Model. Figure 6 shows a schematic of the saturated refrig-
erant model of the accumulator. Both liquid and vapor phases enter the accumulator 
from the evaporator when the quality at the exit of the evaporator is less than 
unity. Under all conditions, only vapor is assumed to leave the accumulator. Mass 
balances on the vapor and liquid phases in the accumulator result in 
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while au energy balance on the vapor and liquid phases gives 
(29) 
(30) 
Since the pr~ssure is known, the mass rate of liquid that is converte
d to vapor is 
obtained by combining the two energy balance equations: 
(31) 
The mass flow rate of saturated vapor out of the accumulator can be c
alculated from 
the volume equation for the accumulator and the mass balance equation
s. An energy 
balance can also be written for the wall of the accumulator assuming 
heat transfer 
is by natural convection. 
Superheated Refrigerant Model. The superheated refrigerant model of 
the accumulator 
is similar to the saturated model shown in Fig. 6, except that the li
quid phase is 
nonexistent and the vapor is superheated. Mass and energy equations 
can be written 
for the vapor in the accumulator as before. 
9. SOLUTION SCHEME 
The model of the overall refrigeration system consists of a set of di
fferential 
and ordinary algebraic equations. The differential equations were so
lved numeri-
cally using an explicit finite-difference method. The time step was 
determined by a. 
simple trial-and-error procedure called "interval-halving.'' In this 
method, the 
solution is first carried out for some value of At. This At is then 
reduced by 
halving and the system of equations is solved again. This is continu
ed until two 
consecutive results agree to within a desired accuracy level. The co
mputer simula-
tion of the model was performed on a main-frame, digital computer usi
ng FORTRAN. 
The computer program consisted of a main program and separate subrou
tines for each 
system component, refrigerant property and heat transfer coefficient.
 Component 
subroutines were called by a main program in the following order: co
mpressor, 
expansion valve, condenser, evaporator, accumulator, and compressor s
hell. In 
addition, several components, such as the condenser and accumulator, 
were described 
by multiple subroutines that represented different state models. The
 system was 
assumed to start from a position of equilibrium, with the pressure be
ing the same 
th~oughout the system. Once the initial values at t ~ 0 were known, 
each sub-
routine evaluated the various variables at time t + ~t. This process
 was repeated 




A 10.5-kW (3-ton) nominal capacity, air conditioning unit with R-22 as the 
working fluid was simulated using the developed model. The test run simulated 15 
minutes (real time) of operation after startup. The components were sized based on 
product literature from a heat pump manufacturer. Additional information concerning 
actual sizes of components can be found in /15/. Typical values of outdoor and 
indoor temperatures (35° C and 21° C, respectively) were chosen. An incremental 
time-step value of 0.001 minutes was selected based on the stability considerations 
discussed earlier. Some sample output is presented and discussed below. Most of 
this output is only for the first minute of the transient, because changes after 
this time were quite minor for most parameters. The one exception, though, is the 
drying out of the accumulator, which continues for a 12.5-min period. Several addi-
tional system parameters have not been reported here, even though they were 
available from the model. Examples of this output are mass inventory, wall tempera-
tures, refrigerant quality and temperature, and energy transfer rates. A direct 
comparison of the results of this model with either experimental data or other 
models was not feasible due to differences in unit and component sizes. 
System Pressures. Suction and discharge pressure transients are shown in Fig. 7 for 
the first minute only, for those reasons discussed above. In fact, after the first 
minute, the suction pressure showed negligible change, while the discharge pressure 
increased less than 40 kPa over a 12-min period. The steady-state values of the 
suction and discharge pressure were 588 kPa and 1740 kPa, respectively. The models 
compared earlier in this study predicted similar trends in the pressure curves. All 
the investigators reported rapid changes in pressure during the first minute and 
then steadying pressures immediately thereafter. 
Mass Flow Rate. Figure 8 shows transients in the mass flow rates at the outlet of 
each component during the first minute. At steady state the mass flow rate was 
3.9 kg/min. Figure 8 also shows that the compressor's mass flow rate jumps to its 
maximum value immediately after startup, which is to be expected for a constant 
motor speed assumption. A decreasing density at the suction of the compressor 
causes the mass flow rate to decrease as it approaches its final value. Trends 
similar to these have been observed by other investigators. 
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Fig, 7 - Suction and discharge pressure 
change during the first minute. 
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Fig. 8 - Refrigerant mass flow rates 
during the first minute. 
Refrigerant Mass Inv~ntory in the System. Refrigerant migration to the low-pressure 
side of the system during the off cycle is initially due to the pressure gradient 
caused by the compressor. After shutoff, the temperature gradient between the con-
denser and the evaporator drives the refrigerant to the low-pressure side. There-
fore, prior to startup most of the refrigerant resides in the evaporator, the 
accumulator, and the compressor shell. Immediately after startup, the mass of 
refrigerant in each component changes rapidly as the compressor displaces the 
:efrigerant from the low- to the high-pressure side of the system. A mass inventory 


















Similar observations have been made by Mulroy and Didion /16/ in the experiments 
they conducted on a residential, split-unit air conditioner. The models developed 
by the other investigators also predict similar behavior of refrigerant migration. 
Refrigerant Mass Inventory in the Accumulator. Figures 9 and 10 show the mass of 
liquid and vapor refrigerant in the accumulator during the startup transient. Prior 
to startup, the accumulator contains 0.602 kg of liquid and 0.145 kg of vapor 
refrigerant in the saturated condition. At approximately 3 seconds after startup, 
the accumulator charge reaches a maximum after which both the vapor and liquid mass 
show a decrease. At 12.5 minutes after startup, the accumulator dries out as all 
the liquid evaporates. The system proceeds to reach steady state immediately-there-
after. Chi and Didion /1/ and Dhar and Soedel /2/ also observed for their models 
and systems that the accumulator trapped a large quantity of the refrigerant imme-
diately after startup, and steady state was not reached until after the accumulator 
had dried out. These observations were also confirmed in experiments by Mulroy and 
Didio!). /16/. ,_. 
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Fig. 9 - Refrigerant m.ass inventory in Fig. lO - Refrigerant mass inventory in the 
the accumulator. acclllllulator during the first minute. 
Superheat at Exit of Evaporator. Figure 11 shows the superheat of the vapor at the 
exit of the evaporator. After an initial increase to 6.2° C over a 16-sec period, 
the superheat slowly drops to a steady-state value of 3.7° C. A different setting 
of the expansion valve would have resulted in a different value of superheat a,t the 
exit of the evaporator. 
Coefficient of Performance. The system coefficient of performance (COP) as a func-
tion of time is plotted in Fig. 12. The COP increases to a maximum value of 7.0 
during the first 3 seconds of operation. After 3 seconds, the COP decreases and 
then increases ~gain to a steady-state value of 5.6 . 
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Coefficient of performance 
during the first minute. 
11. SUMHARY 
A computer model of the startup transient in a vapor-compression refrigeration 
system was developed using conservation of mass and energy equations in various 
components. A test run of the computer program was presented, and the results were 
consistent with the expected behavior of the system based on comparisons with past 
models and the limited experimental data available. Rapid fluctuations in the system 
variables occurred immediately after startup. The system reached steady state at 
approximately 12.5 min and only after the liquid in the accumulator had dried out. 
Refrigerant migration from the low- to the high-pressure side of the system immedi-
ately after startup was observed. This migration was consistent with experimental 
observations. These and other observations support the conclusion that a simple 
transient model can predict the dynamic behavior of a vapor-compression cycle during 
startup. 
Several possibilities exist for improving the model. The number of nodes in 
the evaporator and condenser control volumes could be increased, and the momentum 
equation could be used to evaluate the frictional pressure drop in the heat 
exchangers and connecting pipes. Additional effects that could be considered are 
oil in the compressor shell, connecting lines in the system, and a variable motor 
speed for the compressor. Finally, the startup model presented in this study could 







2 area, m 
specific heat, kJ/kg • °K 
2 acceleration of gravity, mis 
gain of expansion valve, m /°C 
specific enthalpy, kJ/kg 







mass flow rate of refrigerant, kg/min 
mass, kg 







rate of work done on the vapor refrigerant in compressor, kW 
rate of heat loss from motor, kW 
heat transfer rate, kW 
gas constant, kJ/kg • °K 




specific internal energy, kJ/kg
2 heat transfer coef~icient, kW/m • °K 











g superheated vapor refrigerant 
l saturated liquid refrigerant 
p compressor 
r room 
s compressor shell; suction 
sb superheat sensed by thermobulb 
ss steady-state value 
t refrigerant leaving condenser 
te refrigerant leaving expansion valve 
~ saturated vapor refrigerant 
w wall 
X expansion valve 
1 refrigerant leaving compressor 
2 refrigerant leaving compressor shell 
3 refrigerant leaving accumulator 
4 vapor leaving evaporator 
5 liquid leaving evaporator 
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Greek Letters 
nv volumetric efficiency of compressor, % 
~ incremental c~ange 
p density, kg/m 
t time constant, min 
ACKNOWLEDGMENTS 
The support of the Mechanical Engineering Department and Engineering Research 
Institute at Iowa State University is greatly appreciated. 
REFERENCES 
1. J. CHI and D. DIDION: A simulation of the transient performance of a heat 
pump. Jqternational Journal of Refrigeration 5 (3):(1982), pp. 176-184. 
2. M. DHAR and W. SOEDEL: Transient analysis of a vapor compression refrigeration 
system. XV International Congress of Refrigeration, Venice, Italy (1979). 
3. J. W. MACARTHUR: Transient heat pump behavior: A theoretical investigation. 
International Journal of Refrigeration 7 (2):(1984), pp. 128-132. 
4. W. E. MURPHY and V. W. GOLDSCHMIDT: Cyclic characteristics of a typical resi-
dential air conditioner--Modeling of start-up transients. ASHRAE Transa.c-tions 
91 (2):(1985). 
5. W. E. MURPHY and V. W. GOLDSCHMIDT: Cycling characteristics of a residential 
air conditioner--Modeling of shutdown transients. ASHRAE Transactions 
92(1): (1986). 
6. W. F. STOECKER and J. W. JONES: Refrigeration and Air Conditioning. New York: 
McGraw-Hill Book Co. (1982). 
7. J. L. DOOLITTLE and A. H. ZERBAN: Engineering Thermodynamics Theory and Appli-
cations. Scranton: International Textbook Co. (1964). 
8. ~OWNING: Refrigerant equations. ASHRAE Transactions 88(2):(1974) pp. 
291-306. 
9. G. W. GATECLIFF and E. R. LADY: Mathematical representation of the thermo-
dynamic properties of Refrigerants 12 and 22 in the superheat region. XIII 
International Congress of Refrigeration, Washington, D.C. (1971). 
10. D. D. WILE: The measurement of expansion valve capacity. Refrigeration Engi-
neering 30 (2):(1935), pp. 79-83. 
11. F. J. HALE: Introduction to Control System Analysis and Design. Englewood 
Cliffs: Prentice-Hall Inc. (1970). 
12. W. M. KAYS and A. L. LONDON: Compact Heat Exchangers. New York: McGraw-Hill 
Book Co. (1984). 
13. W. W. AKERS and H. F. ROSSON: Condensation inside a horizontal tube. Chemical 
Engineering Progress Symposium Series 55 (29):(1959), pp. 145-149. 
14. S. S. KANDLIKAR: An improved correlation for predicting two-phase flow boiling 
heat transfer coefficient in horizontal and vertical tubes. 21st National Heat 
Transfer Conference, Seattle, WA, July (1983); in Heat Exchangers for Two-Phase 
Flow Applications, ASHE, New York (1983). 
15. N. RAJENDRAN: A computer model of the start-up transients in a vapor compres-
sion refrigeration system. M.S. Thesis, Iowa State University (1985). 
16. W. J. MULROY and D. A. DIDION: Refrigerant migration in a split-unit air 
conditioner. ASHRAE Transactions 91(1A):(1985), pp. 193-206. 
139 
RESUME 
Le but de cette etude a ete de mettre au point une maquette et un 
programme informatique pour simuler !'evolution du comportement 
d'un syst~me de compression de vapeur lors de sa mise en route, 
puis d'analyser un cas typisque en utilisant le programme 
informatique. Le materiel d'essai con~u pour cette etude comprend 
des maquettes pour representer le condensateur, l'evaporateur, le 
compresseur, le syst~me de dilatation et l'accumulateur. Le 
refrigerant dans chaque composant est representre par un systeme 
simplifie avec seulement un point de mesure dans chaque partie de 
l'appareil. Les ~quations de conservation de masse et d'energie 
du refrigerant a l'interieur de l'accumulateur, dans la cage de 
compression, et dans chaque echangeur de chaleur sont exprimees 
sous la forme de differentielles. Les equations d'energie ont 
fgalement ete notees, pour ce qui est du mat~riau de construction 
de chacun des composants cites ci-dessus. C'est par des 
methodes numeriques que l' on a resolu toute une serie 
d'equations differencielles traditionnelles. 
Un essai de programme informatique est presente ici et les 
resultats sont conformes aux hypoth~ses emises en ce qui concerne 
le comportement du syst~me. Celles-ci etaient fondees sur des 
comparaisons avec des mod~les d'essai anterieurs et le peu de 
donnees experimentales existantes. De rapides fluctuations dans 
les variables du syst~me son apparues tout de suite apres la mise 
en route. Le syst~me atteignit son etat normal de marche environ 
12 minutes et demi apres, et seulement apres que le liquide dans 
l'accumulateur eut seche. Immediatement apres la mise en route, 
on a pu observer que le r~frigerant se depla~ait de la partie a 
basse pression vers celle 1 haute pression. 
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